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ABSTRACT
This paper describes the measurement of in-cylinder
engine friction using the instantaneous IMEP method.
This method has been applied to measure in-cylinder
friction force in a modern, low friction design production
spark ignited engine. An improved mechanical telemetry
system has been developed to implement this method.
The telemetry system continues to provide excellent
data even after 50+ hours of operation at speeds as high
as 2000 rpm.
Investigated in this study were the primary sources of
error associated with this technique. Also presented are
the steps taken to minimize the effects of these errors.
The refined technique has been subsequently used to
obtain piston assembly friction data for both motoring
and a limited number of firing cases. The effects of
design parameters and operating conditions were
investigated. In addition, crank-angle resolved and
cycle-integrated results, converted to in-cylinder FMEP,
were compared and the trends obtained were consistent
with the Stribeck curve. The ratio of in-cylinder to total
engine FMEP ranged from 19-45% in the tests
performed in this study.
This technique was also used to obtain “cold-start” incylinder friction data, which in turn were used to
calculate an oil viscosity correction coefficient. This
coefficient was implemented in an engine friction model
for prediction of motoring and firing friction at different
operating temperatures.

INTRODUCTION
Reduced engine friction directly increases engine
performance and fuel efficiency. A major contributor to
overall engine friction is the relative motion between the
cylinder liner and piston assembly. Prior to 1969,
literature suggested that piston assembly friction
accounts for 58-75% of total engine friction [1]. More
recent studies suggest that due to improved design, incylinder friction has been reduced to approximately 4055% of total engine friction [2, 3]. Recent work has

shown that total engine friction has been reduced by 1520% in the past 30 years [3]. Despite this reduction in
engine friction, further reductions are desired to improve
engine performance and fuel efficiency.
To study in-cylinder friction, robust and accurate
measurement techniques are essential. Techniques
have been developed to measure crank-angle resolved
in-cylinder engine friction, but they typically require
extensive modifications to production engines, the use of
a single-cylinder engines [4], or modified thermodynamic
cycles [5]. The instantaneous IMEP method meets the
required criteria of robustness and accuracy and also
requiring minimal engine modifications.
Pioneered at the University of Michigan by Uras and
Patterson [6], the instantaneous IMEP method requires
very accurate measurements of in-cylinder gas
pressure, the force transferred to the connecting rod,
and the calculation of the inertial force of the piston
assembly. With knowledge of these elements, piston
assembly friction is calculated through an instantaneous
force balance. The advantage of this technique is that it
allows in-cylinder friction measurements to be made on
production engines with relatively minor engine
modifications. This allows for meaningful engine-toengine comparisons. The primary drawback of this
technique is that experimental error is very difficult to
overcome. Without great care, the magnitude of the
error associated with the measured forces can exceed
the calculated in-cylinder friction forces. Consequently,
highly accurate calibrations and signal processing is
required.
Another drawback of this technique is that it requires a
telemetry system for transferring signals from the
moving connecting rod. Wireless telemetry faces
challenges related to signal noise and power supply,
while in case of mechanical linkage the wires that carry
the strain signal out of the engine have a finite lifetime
due to fatigue failure. However, the newly designed
system used in this study proved much more robust that
those previously used.

This study employs the instantaneous IMEP method to
measure cycle resolved in-cylinder friction. A description
of the method, the experimental set-up, and an
error/sensitivity analysis of the technique are presented.
The error analysis addresses the effects of pressure
transducer thermal shock, instantaneous engine speed
and connecting rod force measurement error on
instantaneous in-cylinder friction force calculations.
Next,
crank-angle
resolved
in-cylinder
friction
measurements are presented as functions of engine
speed, coolant temperature, and ring tension. Finally, a
technique is developed to more directly relate in-cylinder
friction to total engine friction.
In addition the results obtained are used to tune an incylinder friction model. This was done primarily to model
the effects of temperature on engine friction.
Temperature influences the viscosity of the lube oil and
this in turn affects engine friction. Hence obtaining a
correlation between temperature and lube oil viscosity
would allow for improving the accuracy and robustness
of the friction model. Data obtained from the friction
model have been presented in later sections along with
comparisons to experimental data.

EXPERIMENTAL METHODOLOGY
GENERAL DESCRIPTION -The engine used for this
study is a production 1998, 2.5 liter, 60° V6, Ford
Duratec spark ignition (SI) engine. Table 1 gives engine
characteristics as well as some necessary information
for calculating the inertial force used in the
instantaneous IMEP method. In-cylinder friction is
measured in the cylinder number 5, the middle cylinder
in the left bank, using the instantaneous IMEP method.
Table 1: 2.5
characteristics.

liter,

V6,

Ford

Duratec

Bore

82.4 mm

Stroke

79.5 mm

Connecting Rod Length

138 mm

Piston Pin Offset

1.40 mm (to thrust side)

Compression Ratio

9.7

Piston Assembly Mass

0.4163 kg

Mass of Conrod Section
above the strain gauge

0.1425 kg

engine

Engine modifications necessary for this technique
include installation of pressure transducers in the
cylinder head and a telemetry system in the crankcase.
Cylinder pressure measurement is an important
component of this technique and it is accomplished by
using Kislter 6125 type pressure transducers. The
telemetry system is used to transmit strain gauge
signals. Other minor modifications include a slightly
modified windage tray and an extended oil sump to

accommodate the reciprocating motion of a four-bar
linkage, which is part of the telemetry system.
CONNECTING ROD FORCE MEASUREMENT – is of
critical importance for the instantaneous IMEP method.
A reciprocating linkage, featuring aluminum construction,
is installed between the big end of the connecting rod
and the lower cylinder block, Figure 1. The linkage
carries the strain gauge signal and power supply wires
from the connecting rod, where the strain gauge is
mounted, to a small passage between the crankcase
and the lower block leading out of the engine.

Figure 1: The mechanical linkage telemetry system.
Two strain gauges are mounted on each side of the
connecting rod web and are wired in a full bridge
configuration that is completed by a 2310 Signal
Conditioning Amplifier (SCA) from Vishay MicroMeasurements, Inc. The SCA is used to control power to
the strain gauge, balance the Wheatstone bridge circuit
and amplify the output signal from the strain gauge.
Strain gauge selection and mounting are paramount for
accurate connecting rod force measurements. The
effects
of
elevated
temperatures
and
strain
perpendicular to the connecting rod’s axis must be
accounted for. The connecting rod’s web geometry,
metallurgical composition, and expected loading must
also be considered. The strain gauge that best fit the
above criteria was a Vishay WK-06-062TT-350. Two of
the gauges are wired in a full bridge configuration on the
neutral axis on each side of the connecting rod web. The
gauges are located as close to the piston pin as
possible, in this case 72 mm from the center of the
piston pin.
Improved robustness of the telemetry system can be
attributed to the use of ultra-miniature stainless steel
medical grade wire. This 32-gauge wire is constructed of
50-64 strands, making it extremely flexible and thereby
reducing the chances of fatigue failure. A 3/32” diameter
Teflon sheath provides the necessary protection for the
wires.
Initial calibration of the strain gauge was done on an
“Instron” Universal Testing Machine. Inaccuracies
associated with the Instron machine resulted in
calibration values that yielded friction traces with nonideal behavior at the dead centers. However, calibration
of the strain gauge signal measurement chain is critical.
Hence the calibration was done in-cylinder by

In-cylinder calibration was performed at different crank
angle positions, namely Top Dead Center (TDC), 30°
after TDC and Bottom Dead Center (BDC), and the
average of the values obtained at these three locations
was used for obtaining friction results.
INSTANTANEOUS ENGINE SPEED (IES) - is
measured by two separate methods to evaluate the
constant engine speed assumption commonly used in
the inertial force calculation. The first method uses a 50
MHz quartz oscillator to make real time measurements
between crank-angle pulses from the crankshaft
encoder. The time between two successive cranks angle
pluses is the converted to engine speed. The second
method uses a frequency-to-voltage converter, which
converts the crank-angle pulses from the shaft encoder
to a voltage signal that is linearly proportional to engine
speed. The two measurement techniques provide
consistent results. The quartz oscillator system was
used for the remainder of the work, however, because
signal noise is lower.
MEASUREMENT TECHNIQUE - Friction force along the
cylinder axis is calculated by vectorially subtracting
inertial, gravity and connecting rod forces from the gas
force (Figure 2). More details on the technique are given
in references [5, 6 and 7]. The combination of gas,
inertial, and gravity forces on the piston assembly is
defined as the theoretical connecting rod force. This is
the maximum possible force that can be transferred to
the connecting rod. The difference between the
theoretical and the measured connecting rod force is
friction between the piston assembly and cylinder liner,
piston pin friction is neglected.
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CONSTANT ENGINE SPEED ASSUMPTION Calculating the inertial force requires knowledge of
piston assembly component masses and their respective
accelerations.
Calculation
of
the
component
accelerations as detailed by Henein [9] has been
presented in the Appendix. An assumption that is
typically used in the application of the calculations is that
the intra-cycle (instantaneous) engine speed (IES) is
constant. This is not entirely accurate; the crankshaft
accelerates and decelerates during each cycle. This
assumption can have an impact on the inertial force
calculation and consequentially the friction force
measurements. An example of intra-cycle speed
fluctuations at 1000 rpm is presented in Figure 3. Notice
the deviation of the fired curves from the motored wideopen throttle (MWOT) curve.
1060
1040

3 bar

W OT

Engine Speed = 1000 rpm

Motored W OT
0 bar

1020
1000
980
960
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-360

-180

0
Crank Angle (Deg)
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Figure 3: Intra-cycle speed fluctuations at 1000 rpm.
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Reducing experimental error is extremely challenging
and the key to the success of this technique. Two large
numbers, namely the measured and the theoretical
connecting rod force (to be defined shortly), are
subtracted from each other to give a small number; this
causes significant sensitivity to experimental error. This
section describes typical sources that contribute to
experimental error. Also, it details their effects on the
calculated friction force. These error sources include the
effects of the constant engine speed assumption,
thermal shock on pressure transducers, and error in the
connecting rod force measurement.
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ERROR ANALYSIS

Engine Speed (rpm)

pressurizing the cylinder with nitrogen gas. The
measurement chain was calibrated with pressures
ranging up to 30 bar. In order to keep the engine from
turning over while the cylinder was pressurized, a
locking bracket was designed and fixed to the flywheel.
This type of in-situ calibration would also allow for
calibration of the entire measuring chain with the pistonconnecting rod assembly installed in the engine. This set
up accurately represents the actual conditions the piston
assembly will be in during engine operation.

e

Ff = Pg*Ac - Fma -W - Fc
Figure 2: Instantaneous force balance schematic.

The addition of correction terms in the inertial force
equations allows us to account for dynamics induced by
IES changes. The inertial force corrections terms are
presented in the Appendix. The effect of assuming a
constant engine speed on friction force can be seen in
Figures 4 and 5. Figures 4a and 4b show that as engine
speed increases the effect of IES on measured friction
force decreases. Figures 5a and 5b show that as engine
load increases the effect of IES on engine friction also
increases.

360

225

(b)
150
Friction Force (N)

As engine speed increases there is less time between
combustion events, leaving less time for intra-cycle
engine speed fluctuations. Consequently, the effect of
the constant engine speed assumption on friction force
is reduced. As load increases, the force transmitted
during the power stroke of the engine increases, causing
larger intra-cycle accelerations and greater errors in the
calculated instantaneous friction force.
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Figure 6: Effects of crankshaft dynamics on in-cylinder
engine friction
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Figure 4: The effect of instantaneous engine speed
assumption on measured friction at 600 rpm (a) and
1000 rpm (b) MWOT.
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As the number of cylinders in an engine increases, the
overall trend is for intra-cycle speed variations to
decrease because of more frequent power strokes. If an
experiment were done on a single cylinder engine,
instantaneous engine speed would have a significant
effect on crank-angle resolved friction force.
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-70

-140
-360

0
Crank Angle (De g)

Similar tests were performed at 1500 rpm and 2000 rpm.
Analyses of the test data confirm that at engine speeds
of 1500 rpm or greater, the constant engine speed
assumption can be made regardless of load. At speeds
below 1500 rpm, the effect of IES should be considered,
especially at higher loads. Moreover the IES effects are
largest between the dead centers and mid stoke and
produce “low frequency oscillations”.

140

Friction Force with
constant engine
speed assumption

1000 rpm, W OT

Figure 5: The effect of instantaneous engine speed
assumption on measured friction at 1000 rpm 0 bar (a)
and wide-open throttle (WOT) (b).
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Figure 6 is a comparison of friction traces obtained at
1000 rpm with and without gas loading, the case with
gas loading being corrected for the effects of IES
fluctuations. This reveals the presence of low frequency
oscillations, which have been highlighted, for the case
with gas loading. These oscillations represent the effect
of crankshaft dynamics that haven’t been completely

CYLINDER PRESSURE ERROR ANALYSIS - Thermal
shock is a major source of cylinder pressure
measurement error. A rapid change in temperature
causes the diaphragm of the transducer to flex in a
manner that is inconsistent with the applied pressure.
Thermal shock’s severity depends on transducer design,
mounting location, and in-cylinder conditions. Typically
its effects start to occur at peak cylinder pressure, reach
a maximum soon thereafter, and recover through the
rest of the cycle (although it can persist into the next
cycle).
Thermal shock effects are governed primarily by engine
speed, load, ignition timing, and to a lesser extent by
air/fuel ratio according to Rai et al., [10]. Data published
by Kistler [13] and Rai show differences between a
pressure transducer that is thermal shocking and one
that is not. These differences starts at peak cylinder
pressure, reaches a maximum about 45º later, and
recovers over the next 360º to 450º, depending on
speed and load.
A Kistler 6125B transducer was installed with the aim of
reducing the effects of thermal shock seen in the data
from a 6125A transducer. The “double-wall”
ThermoCOMP diaphragm in the 6125B transducer
reduces thermal shock according to Kistler [13]. Table 2
compares the thermal shock characteristics of 6125A
and 6125B transducers.
Table 2: Comparison of thermal shock characteristics of
6125A and 6125B pressure transducers [13].
6125A

6125B

∆P (bar)
∆Pmax (%)

< -0.5
< -1

< -0.3
< -1

∆IMEP (%)

< -3

< -2

Fired friction data were obtained with both 6125A and
6125B transducers, separately at 1000 rpm, 3 bar
BMEP. From this experiment, it is apparent that thermal
shock has a significant effect on in-cylinder pressure
measurements and consequently on calculated incylinder engine friction (as much as 100 N in this case)
as can be seen in Figures 7 a and b, respectively.
The thermal shock makes the measured friction force
appear too low during the expansion and intake strokes

400

(a)
340
Cylinder Pressure (kPa)

The “low frequency oscillations” makes it impossible to
determine the lubrication regime in which the piston
assembly operates, however by removing the constant
engine speed assumption; the lubrication regime can be
inferred, but the traces still are not ideal.

and too high during the exhaust stroke. This agrees with
Kistler’s and Rai’s data. Notice the reduced friction
during the exhaust stroke: this apparent “over correction”
of thermal shock can be attributed to the uncertainty in
connecting rod force measurements, which will be
discussed later. The results indicate that Kistler 6125B
type transducers compensate for thermal shock
effectively and hence were the pressure transducer of
choice for the rest of the friction study.
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Friction Force (N)

accounted for in this technique. The use of a multi
cylinder production “V6” engine with complex crankshaft
bending characteristics can also be viewed as a
limitation.
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Figure 7: Comparison of the effects of thermal shock on
a 6125B and a 6125A pressure transducer on a) cylinder
pressure and b) friction force.
CONNECTING ROD FORCE MEASUREMENT ERROR
– Low signal to noise ratio is a major source of
uncertainty in the connecting rod force measurement.
The strain gauge output is amplified over 2.5 million
times by the time it is converted to force; hence the
noise is also amplified by this value resulting in large
errors in measured forces. Another, smaller, source of
error is the thermal dependency of the strain gauge.
Although the gauge is “self temperature compensating,”
temperature effects still affect the output signal. The
change in output over the operating temperature range
is about 1% and is non-linear. These two factors make
obtaining accurate connecting rod force measurements
very difficult.
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Figure 8: The effect of load on measured in-cylinder
friction force, under firing conditions.
DUAL SLOPE CALIBRATION FOR THE CONNECTING
ROD FORCE MEASUREMENT – As previously stated
the strain gauge was calibrated in-cylinder with
pressurized nitrogen. Consequently, the strain gauge
was only calibrated under compression. It was assumed
that the connecting rod and strain gauge are devoid of
changes in slope during the transition from compression
to tension. Tests performed with an Instron-Universal
Testing Machine revealed a slight difference in slope.
The difference in slope (sensitivity) computed during
compression and tension was 120 N/V, this value is
about 5% of the overall sensitivity of connecting rod.
Therefore two sensitivities are used to calculate friction
forces results: a sensitivity for the portion of the cycle in
which the theoretical connecting rod force is
compressive and a sensitivity that is about 5% lower for
portion of the cycle in which the theoretical connecting
rod force is tensile. Figures 9a and 9b show the effect of
increasing speed on theoretical connecting rod force, the
sum of pressure and inertia forces, and the effect of dual
slope calibration on friction force at 1500 rpm,
respectively. The use of dual slope is important at
speeds above 1000 rpm since the inertia forces around
TDC intake and TDC exhaust increase significantly. This
causes the forces on the connecting rod to become
significantly tensile in nature because of the absence of
compressive gas forces.

Friction Force (N)

Friction Force (N)

100

1000
Theoretical ConRod Force (N)

Figure 8 shows the effect of load on measured friction
force. Also indicated in the figure are the theoretical
forces acting on the connecting rod for the different
engine loads. The magnitude of the forces in the 3 bar
and WOT cases are large, this in turn means the ratio
between the friction and theoretical forces is very large
leading to higher errors in measured friction. These
highlight the need for accuracy in force measurements.
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-360
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-180
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Figure 9: Effect of increasing engine speed on
connecting rod forces (a) and the effect of the dual slope
calibration on engine friction force (b).

CRANK-ANGLE RESOLVED FRICTION
RESULTS - WITHOUT GAS PRESSURE
The spark plugs were removed in order to simulate the
condition where there is no gas pressure acting on the
pistons. This was done to decouple the effect of gas
pressures on engine friction and also inertia, enabling
evaluation of the in-cylinder friction measurement
technique.
Before the results are presented, it is helpful to review
the Stribeck diagram [10], Figure 10, which can be used
to draw insight into the results. The Stribeck diagram
shows three different lubrication regimes: boundary,
mixed, and hydrodynamic. It gives relative friction
coefficients as a function of a non-dimensional loading
parameter. The loading parameter accounts for relative
speed, lubricant viscosity, and normal stress. Boundary
lubrication indicates that there is primarily metal-to-metal
contact, whereas the hydrodynamic regime indicates
that a film of lubricant separates the two bodies in
relative motion. The mixed boundary layer is the
transition region between the aforementioned extremes.

Coefficient of Friction

the piston speed reaches a maximum and the friction
force plateaus. As the speed increases the
hydrodynamic component increases and creates distinct
peaks around mid-stroke.
TEMPERATURE EFFECTS - Figure 12 displays the
effects of coolant temperature on cycle resolved friction
force. As mentioned in the last section, the lubrication
regime for the 100 rpm case is slightly mixed but
primarily boundary. When the lubrication regime is
boundary, an increase in oil film temperature
(decreasing oil viscosity) has little or no effect on friction.
In the case of 1500 rpm, the lubrication regime is
hydrodynamic, so as oil film temperature increases,
friction decreases.
150
Increasing
Temp.

Figure 10: Stribeck Diagram [10]
For this study, coolant temperature is used to “control”
the oil film temperature. This is supported by [13] in
which coolant temperature was found to correlate well
with cylinder wall temperature. Nominally the
temperature difference between the liner and the coolant
is about a 20°C in a fired engine. In this case the engine
was motored so it is assumed that the coolant and oil
film temperature are about the same. The sump oil
temperature never varied more than 4°C from the
coolant temperature. To obtain the higher temperature
points, the engine was brought up to temperature by
firing and then the spark plugs where quickly removed.
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Figure 12: Effect of coolant temperature on cycle
resolved, in-cylinder friction force at several speeds at
motored conditions with spark plugs removed.
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Figure 11: Effect of speed on cycle resolved, in-cylinder
friction at motored conditions with spark plugs removed.
SPEED EFFECTS - As engine speed increases, so
does in-cylinder friction shown in Figure 11. In the 100
rpm case, it is clear from the very high gradients in the
friction force at the dead centers that the lubrication
regime is boundary. At 100 rpm, shortly after the dead
centers, the friction force becomes nearly independent
of piston speed, which implies that the lubrication regime
may be slightly mixed, but primarily boundary. At higher
speeds, the piston assembly operates almost entirely in
the hydrodynamic lubrication regime, except at the dead
centers. As the piston speed increases from the dead
center, friction force increases until mid-stroke, where
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Friction Force (N)
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-180
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0

90ºC
180

360
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Figure 13: Effect of coolant temperature on cycle
resolved, in-cylinder friction force at motored conditions
with spark plugs removed.
Figure 13 also displays the effect of coolant temperature
on in-cylinder friction force. This figure shows that as
coolant temperature continues to increase, the reduction
in friction force diminishes. In fact, the oil film
temperature has increased to the point that the
lubrication regime is likely located in or near the cusp of

the Stribeck curve between the hydrodynamic and mixed
lubrication regimes. If the oil film temperature continues
to increase, the lubrication regime will shift more into the
mixed regime and the friction force will start increasing.

SPEED EFFECTS – The trends obtained are similar to
those obtained in the case without spark plugs, Figure
15, however, the magnitudes of forces are higher around
compression TDC due to the gas loading. This increase
in loading leads to increased boundary lubrication and
higher instantaneous friction forces. The trends shown
by the friction traces are not as clear as they were for
the NSP cases, especially during intake stroke.
Increasing speeds should increase the magnitude of
friction, due to the increase in friction coefficient. This
effect should be quite visible during the intake stroke
due to lack of possible distortions brought about by high
cylinder pressures.
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Figure 15: The effect of engine speed on in-cylinder
friction.
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Figure 14: The effect of oil control ring tension on incylinder friction force at motored conditions with the
spark plugs removed.

CRANK-ANGLE RESOLVED FRICTION
RESULTS - WITH GAS PRESSURE
The results presented in this section were obtained by
motoring the engine with spark plugs. The primary effect
of gas loading on in-cylinder friction is the change in the
lubrication regime in which the piston assembly
operates, brought about by an increase in the normal
stress (σ) component of the non-dimensional loading
parameter (µN/σ) in the Stribeck diagram.
Before analyzing the results for the conditions with gas
loading, it is necessary to revisit Figure 6 and
acknowledge the presence of the “low frequency
oscillations” which tend to distort the friction signals,
especially mid stroke. However for the purpose of
capturing the relative trends in friction for changes in
load, speed, oil temperature and ring tension, this

TEMPERATURE EFFECTS - Figures 16a and 16b
display the effects of coolant temperature on cycle
resolved friction force. The trends are the same as they
were when the spark plugs were removed. As
mentioned previously, the lubrication regime for the 100
rpm case is primarily boundary (Figure 16a). At higher
engine speeds the lubrication regime is predominantly
hydrodynamic; this results in a decrease in friction with
increasing oil temperature (Figure 16b).
200
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Increasing Engine Speed

50
Friction Force (N)

OIL RING TENSION EFFECTS - To measure this effect
a ring pack with a factory installed oil ring and a ring
pack with a disabled “zero tension” oil ring are
compared. The ring packs with the baseline and
modified oil rings are denoted HTR and LTR (high and
low tension rings), respectively. Figure 14 shows results
of oil control ring tension on friction at 1000 rpm. The
increased tension causes the friction force to increase
as expected. The increase in friction is due to an
increase in the normal force applied to the cylinder liner
by the factory-installed oil control ring. The reduced
tension of the oil control ring could also lead to changes
in the oil film thickness at the top and second
compression rings, hence affecting overall in-cylinder
friction. The magnitude of relative change confirms the
large impact of the oil ring on total piston assembly
friction.

technique can still be used effectively, despite it short
comings and this will be evident after analyzing the data
presented in the following section.
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viscosity leading to higher amounts of boundary
lubrication. The figure also shows that the cases with
gas pressure have higher friction than those without gas
loading due to the increased normal force exerted by the
piston rings and skirt.
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Figure 16: Effect of coolant temperature on cycle
resolved, in-cylinder friction force at several speeds, (a)
100 rpm and (b) 1000 rpm, motored WOT.
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Comparison of friction traces for the cases with and
without gas loading reveals the presence of certain “low
frequency oscillations” in the friction trace with gas
loading. This could be due to the effect of crankshaft
dynamics (bending) that is not completely removed by
IES compensation. These effects, though not quite
significant from a magnitude point of view, still leads to
uncertainties in conclusions that might be drawn by just
observing the profile of the friction trace, like determining
lubrication regimes and stroke direction effects.

Figure 17: In-cylinder work loss due to friction as a
function of crank-angle.

Figure 18 shows the effects of speed and oil
temperature on FMEPIC and FMEPTOT, hot (HE) and cold
(CE) oil temperatures. For all cases, as engine speed
increases, FMEP also increases. The only outlying
points are at 100 rpm with “hot” oil. The reason that this
point doesn’t follow the trend is because the lubricant
temperature was high (80°C), which decreased the oil
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With accurate friction force results, in-cylinder friction
mean effective pressure (FMEPIC) can be calculated.
FMEPIC is calculated by integrating cycle resolved, incylinder engine friction over the incremental distance of
piston travel and dividing the result by cylinder volume.
Figure 17 shows an example of the instantaneous work
loss based on piston travel as a function of crank-angle.
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This graph emphasizes the fact that the majority of
friction work loss occurs during the middle of the stroke
when the piston is traveling large distances. Work loss
at the dead centers is minimal because the piston travel
is minimal. Another advantage of this method of
comparison is that it takes a complex curve and reduces
it to a single number that can be easily communicated
and compared to total engine friction mean effective
pressure FMEPTOT. FMEPTOT is the difference between
brake mean effective pressure (BMEP) and net indicated
mean effective pressure (IMEPN) for each cylinder.
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Figure 18: Effect of speed and oil temperature on
FMEPIC (a) and FMEPTOT (b) for motored WOT and NSP
cases.

A comparison of engine FMEPTOT to FMEPIC is shown in
Figure 19. In-cylinder engine friction work loss accounts
for about 30 – 43% of total engine work loss in the
motored case with no gas force. As engine speed
increases, the percentage of FMEPTOT and FMEPIC
steadily increases as expected for the case with gas
loading. This agrees with results from Patton et al.,
friction model for S.I. engines [14].
0.45

Equation (1) allows the engine friction model to predict
motored and fired engine friction at different
temperatures. The modified friction model was used to
obtain motored and fired engine friction data. Patton et
al., [14] friction model predicts mechanical, pumping and
auxiliary friction losses as mean effective pressures. The
model uses fundamental laws and empirical results to
predict friction arising from various components in the
engine. The analysis presented below is mainly
qualitative and not quantitative primarily due to the
simplicity of the friction model.
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Figure 19: FMEPIC / FMEPTOT as a function of engine
speed and temperature for motored WOT and NSP,
cases.

The instantaneous IMEP method has been used to
calibrate an in-cylinder friction model that was developed
by Patton et al., [14] and modified by Bohac et al., [16]
using Shayler et al., [17] viscosity scaling concept. Cold
start friction data for the Duratec V6 was obtained at a
speed of 1000 rpm using the mechanical telemetry
system. The engine was “cold started”, with oil and
coolant temperatures being lower than 25°C, and the
engine was allowed to warm up and reach a steady
state oil temperature of 85°C. The throttle setting was
kept constant throughout the test, allowing the brake
torque to increase as the engine warmed up. The steady
state, fully warmed up BMEP value was 2.7 bar. Figure
20 shows the variation of FMEP with temperature during
engine warm-up. The final, fully warmed up friction is
about 50% of initial value, this is similar to that observed
by Sandoval et al., [3] further validating the results from
the experiments.
The cold start data were used to calculate the exponent
“c” in equation (1) originally proposed by Shayler at al.,
[17]. The value was calculated to be “0.283”, this was
about 18% higher than that calculated by Shayler et al.,
[17] and Bohac et al., [16]. Possible reasons for this
could be that the previous experiments were performed
at constant brake torque and also the maximum
temperature was 90°C.
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Figure 20: Variation of FMEP with engine temperature
during engine warm-up, 1000 rpm.
Figure 21 shows the modeled effects of speed and oil
temperature on FMEPIC for both motored WOT and NSP
cases.
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Figure 21: Variation of FMEPIC with engine temperature
and speed for both motored WOT and NSP cases,
modeled data.
The trends clearly show the effects of gas loading on
piston assembly friction. The increased piston ring and
skirt friction brought about by gas loading during WOT
motoring has been captured by the model. Also
highlighted is the sensitivity of the model to changes in
engine speed and oil temperature. Increasing engine

Figure 22 shows the effects of speed and oil
temperature on FMEPTOT for both motored WOT and
NSP cases. The trends are similar to those observed for
FMEPIC. A point to be noted is that the difference in
magnitude of FMEPTOT between the cases with and
without gas forces is lesser than that seen for FMEPIC.
This can be explained by looking at the “gas pressure”
term in the friction model. This term captures only the
gas loading term for the in-cylinder component, it doesn’t
include the contribution of crankshaft and connecting rod
big end bearings. These two factors combine to result in
reduced difference in magnitude of FMEPTOT for the
motored WOT and NSP cases. Similar results have
been shown in Figure 18 (b) using data obtained
experimentally.
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Figure 22: Variation of FMEPTOT with engine
temperature and speed for both motored WOT and NSP
cases, modeled data.
The effect of gas loading during firing was also modeled
and the FMEP values were obtained for an engine
speed of 1000 rpm. Figure 23 illustrates the effects of
increasing gas loading on fired engine friction, both
FMEPIC and FMEPTOT. Increasing gas loading should
increase engine friction; this can be seen in the data
presented except for the 20% throttle condition. This
was due to the oil temperature of the 20% throttle case
being 16°C higher than the idling case (0 bar). The
lowered temperature for the idling condition resulted in it
being in hydrodynamic regime while the rest of the loads
are in mixed/boundary regime.

1
0.9
0.8
FMEP (bar)

speed brings about an increase in the friction coefficient
which in turns leads to increased friction. When the
lubrication regime is hydrodynamic (speeds from 6002000 rpm), increasing temperatures reduces the
viscosity of the oil resulting in a reduction of engine
friction. On the other hand the 100 rpm case had
mixed/boundary lubrication regime, therefore increasing
oil temperature increases friction coefficient resulting in
increased friction. These results when compared to the
data presented in Figure 18 (a) shows an excellent
correlation to experimental results and help to prove the
validity of results obtained using the friction model.
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Figure 23: The effect of engine load on FMEP at 1000
rpm, firing as predicted by the friction model.

RECOMMENDATIONS
The key to this technique is reduction in experimental
error due to the inherent systematic error. If investments
were to be made in upgrading the hardwire
measurement system, it is recommended that the most
significant resources go to improving the connecting rod
force measurement system. The pressure transducer’s
resistance to thermal shock has significant impact on
measured in-cylinder friction. The constant engine speed
assumption should be considered, but to a much lesser
extent. To improve the connecting rod force
measurement, one major improvement would be to
increase the signal output of the gauge, thereby
reducing the amount of amplification. This could be done
by reducing the thickness the portion of the rod where
the gauge is mounted (which would increase the strain)
or by increasing the voltage across the Wheatstone
bridge circuit. Both ideas have drawbacks that need to
be considered, though. In regard to the pressure
transducer, it is recommended that next generation
transducers designed specifically to reduce thermal
shock like Kistler 6125B are to be used, along with flame
guards. Flame guards help reduce thermal shock by
quenching the combustion flame before it impinges on
the transducer surface.
Also efforts should be made to further reduce the effects
of inertia forces on in-cylinder friction by computing and
compensating for possible crankshaft dynamics. Finally
the engine friction model needs to be modified to include
gas pressure loading terms that better represent the
effects of gas loading on engine friction.

CLOSING COMMENTS
The instantaneous IMEP method has been improved
with advancements in the telemetry system allowing for
increased operational lifetimes. Several sources of error
associated with this technique have been addressed in
detail in this paper including: the constant engine speed
assumption, effects of thermal shock and error in the

connecting rod force measurement. The constant engine
speed assumption is categorically valid at speeds above
1500 rpm for this engine. Thermal shock can have a
significant effect on cylinder pressure measurements
and consequently introduce significant error into friction
calculations, especially at higher loads. The use of
Kistler 6125B transducers reduces the effects of thermal
shock during the expansion stroke but over-corrects
during exhaust stroke.
Error in the connecting rod force measurement has the
most impact on friction calculations, due to the
systematic error associated with this technique
(subtraction of two large numbers). In this study, incylinder connecting rod force calibration was performed
to account for the very high compressive loading
experienced by the strain gauge. Also, dual slope
calibration was employed for connecting rod force
measurements in order to account for changes in
sensitivity during the transition between tensile and
compressive loadings.
Cycle resolved in-cylinder engine friction results for both
cases, with and without gas loading, were repeatable
and showed expected trends. Experiments on the effect
of oil film temperature, oil control ring tension, and
operating speed differences were conducted. Results
from these experiments were converted to FMEPIC,
which is a good metric to express piston assembly
friction work loss. The ratio of FMEPIC to engine
FMEPTOT ranged from 19-44% and 26-42% when
motored without and with spark plugs, respectively.
The effects of temperature on engine friction have been
captured by calibrating the in-cylinder friction model
using cold start data from the test engine. After
reviewing the modeled friction results, it can be
concluded that the model predict both FMEPTOT and
FMEPIC values correctly and the trends agree with
experimental results. The quantitative comparisons
between modeled and experimental data were not made
due to the deficiencies in the model like a simplistic
piston assembly gas loading term and absence of gas
loading term for bearings. Nevertheless the model
provides a great tool to verify and further analyze the
experimental results.

ACKNOWLEDGMENTS
The authors would like to thank the US Army TACOM
Dual Use Science and Technology (DUST) Program
(DAAE07-01-3-0002) in partnership with General Motors
for funding this research under the title “Concurrent
Design of Next Generation Powertrains, Manufacturing
Process, and Materials.” Also, the authors would like to
recognize Kevin Morrison for his technical support and
his help with the design and instrumentation of the
connecting rod linkage. Finally, we would like to thank
Alberto López for his assistance in strain gauge
calibration.

REFERENCES
1. McGeehan, J.A., “A Literature Review of the Effects
of Piston and Ring Friction and Lubrication Oil
Viscosity on Fuel Economy,” SAE Paper 780673,
1978.
2. Richardson, D.E., “Review of Power Cylinder
Friction for Diesel Engines,” Journal of Engineering
for Gas Turbines and Power, Vol. 122, No. 4, pp.
506-519, October 2000.
3. Sandoval, D., Heywood, J., “An Improved Friction
Model for Spark-Ignition Engines,” SAE Paper 200301-0725, 2003.
4. Furuhama, S., Takiguchi, M., “Measurement of
Piston Frictional Force in Actual Operating Diesel
Engine,” SAE Paper 790855, 1979.
5. Goto, T., Aoyama, S., Nagumo, S., Nakajima, Y.,
Onoda, M., “Measurement of Piston and Piston Ring
Assembly Friction Force,” SAE Paper 851671, 1985.
6. Uras, H. M., Patterson D.J., “Measurement of Piston
and Ring Assembly Friction Instantaneous IMEP
Method,” SAE Paper 830416, 1983.
7. Uras, H. M., Patterson, D.J., “Effect of Some
Lubricant and Engine Variables on Instantaneous
Piston and Ring Assembly Friction,” SAE Paper
840178, 1984.
8. Noorman, M., Assanis, D.N., Patterson D.J., Tung,
S.C., Tseregounis, S.I., “Overview of Techniques for
Measuring Friction Using Bench Tests and Fired
Engines,” SAE Paper 2000-01-1780, 2000.
9. Henein, N.A., “Instantaneous Engine Frictional
Torque, Its Components and Piston Assembly
Friction,” US Department of Energy, Office of
Transportation Materials-Tribology Project and
Argonne National Laboratory, Contract No.
73072401.
10. Rai, H.S., Brunt, M.F., Loader C.P., “Quantification
and Reduction of IMEP Errors Resulting from
Pressure Transducer Thermal Shock in an S.I.
Engine,” SAE Paper 1999-01-1329, 1999.
11. Kistler, “Grounded-Insulated High Temperature
Pressure Sensor for Combustion Engines ‘6125’,”
PMM Meeting 1993.
12. Heywood, J. B.:
Internal Combustion Engine
Fundamentals, McGraw-Hill, p.717, 1988.
13. Yilmaz, E., Tian, T., Wong, V.W., Heywood, J.B.,
“An Experimental and Theoretical Study of the
Contribution of Oil Evaporation to Oil Consumption,”
SAE Paper 2002-01-2684, 2002.
14. Patton, K.J., Nitschke, R.G., Heywood, J.B.,
“Development and Evaluation of a Friction Model for
Spark Ignition Engines,” SAE Paper No. 890836,
1986.
15. Kistler Instruments AG: Kistler Instruction Manual.
16. Bohac, S., Baker, D.M., Assanis, D.N.: “A Global
Model for Steady-State and Transient S.I. Engine
Heat Transfer Studies,” SAE Paper 960073, 1996.
17. Shayler, P.J., Christian, S.J., Ma, T.: “A Model for
the Investigation on Temperature, Heat Flow and
Friction Characteristics during Engine Warm-up,”
SAE Paper 931153, 1993.

APPENDIX: INERTIAL FORCE CALCULATIONS

The crankshaft speed fluctuates even when the engine
is nominally operating at steady state. For most
practical purposes this can be neglected, but it becomes
a factor if piston acceleration and inertial forces need to
be determined with high accuracy. The impact of
replacing the traditional assumption of constant
crankshaft speed with a model capturing the effect of
intra-cycle speed variations on piston friction
measurements was discussed in the section on Error
Analysis. The background and the refinement of the
model to include the speed fluctuations are outlined here
for completeness. The derivations are based on the
analysis proposed by Henein [9]. A schematic of the
typical crank-slider mechanism used in internal
combustion engines is given in Figure A-1. The pistonpin offset is often applied to minimize the noise
associated with piston slap, and is therefore included in
the analysis.

Xcr"

Connecting Rod Section Acceleration
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Non Dimensional Stroke
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Non Dimensional Wrist Pin Offset
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Piston Assembly Mass (kg)
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Connecting Rod Section Mass (kg)

δ

Definitions, Symbols
L

Connecting Rod Length (m)
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Figure A-1: Schematic of the crank-slider mechanism
Defining the non dimensional parameters

λ=

r
δ
λ =
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L
O

Using λ and λo to calculate the first and second
derivatives of ψ.
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dt

=

λ ⋅ cos θ dθ
cos ψ

⋅

dt

(A1)

2
⎛
d 2θ
⎛ dθ ⎞ ⎞⎟
⎜
⋅ ⎜ cos θ ⋅ 2 − sin θ ⋅ ⎜ ⎟ ⎟
dt
⎝ dt ⎠ ⎠
⎝
2
0
sinψ ⎛ dψ ⎞
+
⋅⎜
⎟
cosψ ⎝ dt ⎠

d 2ψ
λ
=
2
dt
cosψ

inclusion of this term yields the following correction
terms for equation A5 and A8, respectively.
(A2)

The constant engine speed assumption leads to α =
d2θ/dt2 = 0. System geometry is used to obtain piston
position in terms of crank angle, equation A3. This
information, along with the above equations is used to
solve for velocity and acceleration of the piston
assembly by taking time derivatives of equation A3.

Xp

= r ⋅ cos θ + L ⋅ cosψ

X p ' = − r ⋅ sin θ ⋅

(A3)

dθ
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dt
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(A5)

The system geometry is used to define the
instantaneous position of the center of gravity of the
connecting rod section located above the strain gauge,
given by equation A6. This in turn is used to solve for the
connecting rod section velocity and acceleration by
taking time derivatives of equation A6. Also equations
A1 and A2 are used to eliminate the variable ψ, and
equations A3 to A5 are used to derive the following:

X cr ' = X p '+ L1 ⋅ sinψ ⋅

(A6)

dψ
dt
dψ ⎞
⎟
⎝ dt ⎠

X cr ' ' = X p ' '+ L1 ⋅ cosψ ⋅ ⎛⎜
+ L1 ⋅ sinψ ⋅

d 2ψ
dt 2

2

(A7)
2

(A8)

The Inertial force associated with piston assembly and
connecting rod section are then calculated by multiplying
equation A5 with piston mass, mp, and equation A8 with
connecting rod section mass, mcr, respectively.
INSTANTANEOUS ENGINE SPEED (IES) - If
instantaneous engine speed is to be included in inertial
force calculations, the acceleration term α in equations
A2 and A5 that was neglected has to be included. The

(A9)
(A10)

Adding terms A9 and A10 to equations A5 and A8,
respectively, results in inertial force equations that
account for the effects of IES.
The acceleration term α is calculated using IES data,
given by equation A11. Techniques employed for
obtaining crank angle resolved engine speed data have
already been stated in the paper. A fourth order accurate
finite difference scheme is used to obtain the value of α
at each crank angle form the IES data.

α=

The constant engine speed assumption is used to
eliminate the variable ψ and acceleration term α in
equation A5.

X cr = X p − L1 ⋅ cosψ

[− r ⋅ sin θ − L ⋅ λ ⋅ tan ψ ⋅ cos θ ] ⋅ α
[− r ⋅ sinθ − L ⋅ λ ⋅ tanψ ⋅ cosθ ] ⋅ α

dω
dθ

×

dθ
dt

(A11)

